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Abstract

With the rapid development of the information technology (IT) industry, the heat flux in integrated circuit (IC) chips cooled by air has
almost reached its limit about 100 W/cm?. Some applications in high technologies require heat fluxes well beyond such a limitation.
Therefore the search of a more efficient cooling technology becomes one of the bottleneck problems of the further development of IT
industry. The microchannel flow geometry offers large surface area of heat transfer and a high convective heat transfer coefficient. How-
ever, it has been hard to implement because of its very high pressure head required to pump the coolant fluid though the channels. A
normal channel could not give high heat flux although the pressure drop is very small. A minichannel can be used in heat sink with a
quite high heat flux and a mild pressure loss. A minichannel heat sink with bottom size of 20 mm x 20 mm is analyzed numerically for
the single-phase laminar flow of water as coolant through small hydraulic diameters and a constant heat flux boundary condition is
assumed. The effects of channel dimensions, channel wall thickness, bottom thickness and inlet velocity on the pressure drop, thermal
resistance and the maximum allowable heat flux are presented. The results indicate that a narrow and deep channel with thin bottom
thickness and relatively thin channel wall thickness results in improved heat transfer performance with a relatively high but acceptable
pressure drop. A nearly-optimized configuration of heat sink is found which can cool a chip with heat flux of 256 W/cm? at the pumping
power of 0.205 W. The nearly-optimized configuration is verified by an orthogonal design. The simulated thermal resistance agrees quite
well with the result of conventional correlations method with the maximum difference of 12%.
© 2008 Published by Elsevier Ltd.
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1. Introduction Tuckerman and Pease [1], who employed the direct water

circulation in microchannels fabricated in silicon chips.

With the rapid development of the IT industry, the heat
flux in IC chips cooled by air has almost reached its limit
about 100 W/cm?. Some applications in high technologies
require heat fluxes well beyond such a limitation. There-
fore, the search for a more efficient cooling technology
becomes one of the bottleneck problems of the further
development of the IT industry. Microchannel liquid cool-
ing is one of the candidates for this purpose. Microchannel
cooling technology was first put forward in 1981 by
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They were able to reach the highest heat flux of 7.9 MW/
m? with the maximum temperature difference between sub-
strate and inlet water of 71 °C. However, the penalty in
pressure drop was also very high, i.e., 200 kPa with plain
microchannels and 380 kPa with pin fin enhanced micro-
channels. Later, Philips [2] analyzed the heat transfer and
fluid flow characteristics in microchannels in more details
and provided formulations for designing microchannel
geometries. Recently, Kandlikar et al. made a series studies
on the direct liquid cooling technology by microchannels
[3-5].

The microchannel flow geometry offers a large surface
area of heat transfer and a high convective heat transfer
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Nomenclature

2
A area (m”)
by source term

p specific heat capacity (J/Kg K)

Dy, hydraulic diameter of the fluid flow channel (m)

f friction factor

H height or thickness (m)

h heat transfer coefficient (W/m? K)

L channel length (m)

m total mass flow rate of coolant through channels
(kg/s)

Nu Nusselt number

n number of cooling channels

p pressure (Pa)

Ap pressure drop (Pa)

0 heat generation (W)

q heat flux (W/m?)

T temperature (K)

res residual

Re Reynolds number

AT temperature difference (K)

velocity of x, y, z, respectively (m/s)

Uin inlet velocity (m/s)

|14 volumetric flow rate (m?/s)

w width of heat sink (m)

Wy, pumping power (W)

Greek Symbols

p density (kg/m>)

u dynamic viscosity (kg/m s)

A thermal conductivity (W/m K)

n fin efficiency

o Prandtl number

v kinematic viscosity of fluid (m%/s)
¢ general variable

0 thermal resistance (K/W)
Subscripts

b bottom

c channel

f fluid

in inlet

max  maximum value

s solid

sf surface available for heat transfer
w wall

coefficient. However, it has been hard to implement in the
compact/slim design of computers or consumer electronic
devices. The major difficulty is driving water with high
pressure head, which is required to pump the coolant fluid
though the channels. A normal channel could not give such
high heat flux although the pressure drop is very low. Thus,
an idea comes into being that water-cooled minichannel
can be used in heat sink with a high heat flux and a mild
pressure loss. Here, by minichannels, we refer to the chan-
nels with their characteristic lengths within 0.2-3 mm [6].
In the following, a brief review on fluid flow and heat trans-
fer of liquids in minichannels is presented.

Convective heat transfer and fluid flow in minichannel
and their application in the cooling technology of elec-
tronic devices have attracted great attention of researchers
in recent years. Gael et al. [7] indicated that the heat con-
duction in the walls of mini/microchannels makes the heat
transfer multidimensional, and the axial heat conduction in
the walls cannot be neglected. The surface roughness effects
on pressure drop in single-phase flow in minichannels were
investigated in Refs. [8-11]. Gao et al. [12] made experi-
mental investigations of scale effects on hydrodynamics
and the associated heat transfer in two-dimensional mini
and microchannels with channel height ranging from 0.1
to 1 mm. Their results showed that the conventional laws
of hydrodynamics and heat transfer can be applied to
channels with height larger than 0.4 mm. Wang et al. [13]
experimentally examined the frictional characteristics
inside minichannels (Dy, = 0.198-2.01 mm) with water and

lubricant oil as the working fluids, and the tests were per-
formed in both round and rectangular configurations.
The test results indicated a negligible influence of viscosity
on the friction factor if the hydraulic diameter is greater
than 1.0 mm, and the measured data can be well predicted
by the conventional correlation in both laminar and turbu-
lent flow conditions. Agostini et al. [14] presented an exper-
imental study of friction factor and heat transfer coefficient
for a vertical liquid up flow of R-134a in minichannels.
Downing et al. [15,16] experimentally investigated the sin-
gle- and two-phase flow pressure drop and heat transfer
characteristics in straight and miniature helical flow pas-
sages with R-134a as a working fluid. Debray et al. [17] per-
formed the measurement of forced convection heat transfer
coefficients in minichannels. Reynaud et al. [18] measured
the friction and heat transfer coefficients in two-dimen-
sional minichannels of 1.12-0.3 mm in thickness, and
experimental results are in good agreement with classical
correlations relative to channels of conventional size. From
all the above-mentioned references, the following conclu-
sions can be drawn: (1) In the liquid minichannels, the con-
ventional physical and mathematical models for fluid flow
and heat transfer with no-slip boundary conditions are still
valid. (2) The friction factor and heat transfer correlations
for conventional channels can also be used in minichannels
as long as their relative surface roughness and relative
channel wall thickness are not too high. The use of mini-
channels in the cooling technology of electronic devices
can be found in the following references. Liu and Mui
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[19] proposed a microprocessor package with water-cooling
in which a narrow water jacket was used to cool a thermal
spread attached to the silicon die backside for an efficient
cooling. Schmidt [20] described a microprocessor liquid
cooled minichannel heat sink and presented its perfor-
mance as applied to a microprocessor (IBM Power 4) chip.
Yazawa and Ishizuka [21] gave an analytic model for lam-
inar flow and conducted a numerical study to optimize the
channel in cooling spreader on a smaller and transient heat
source. It was concluded that when small pumping power
was available, a deeper channel with a thicker base was
the best profile for the miniature channel coolers, and the
best cooling performance was found at 0.0586 K/W for
0.03 W pumping power.

The aim of this study is to numerically design a water-
cooling jacket which has relatively high heat transfer per-
formance while keeping the pressure drop in an accept-
able range. In the present paper, a multi-minichannel
device has been designed and three-dimensional numerical
simulation for its heat transfer and friction characteristics
have been performed. In the following, the outlines of
such a jacket will first be introduced and followed by its
physical and mathematical models. Next, three-dimen-
sional numerical results will be presented along with per-
formance comparisons. Finally, some conclusions will be
drawn.

2. Description of the designed cooling model

Fig. 1 shows a pictorial view of the suggested model.
The unvaried total area being cooled is W x L with indi-
vidual minichannel flow passage dimensions of W, x H..
The wall separating the two channels is of thickness Wi,
and acts like a fin. The bottom plate thickness is Hy,. The
top cover is bonded, glued, or clamped to provide closed
channels for liquid flow.

The channel dimensions W, and H., the channel wall
thickness W, the bottom plate thickness Hy, and the cool-
ant flow velocity U, are the parameters of interest in
designing a minichannel heat sink. Their effects on thermal
performance and pressure drop are examined in this paper.
The maximum allowable temperature of the bottom sur-
face and the acceptable pressure drop are the constraints.
In addition, there are manufactures and cost constraints
that need to be considered in any practical system design.
However, in the following discussion, the manufacture
and cost constraints are not taken into account.

3. Mathematical formulation and numerical methods

To analyze the thermal and flow characteristics of this
model, the following assumptions are made:

(1) The flow is three-dimensional, incompressible, lami-
nar and in steady-state.

(2) The effect of body force is neglected.

(3) The fluid thermophysical properties are constant and
viscous dissipation is neglected.

(4) All minichannels are supposed to be identical in heat
transfer and fluid flow; hence, one channel can be
picked out as the representation for computation as
shown in Fig. 2, where the coordinates system is
indicated.

The governing equations based on the above assump-
tions are as follows.
Mass conservation equation:

o (pu) =0 (1)

Momentum conservation equation:
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Fig. 1. Schematic view of the minichannel geometry for high heat flux cooling applications.
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Fig. 2. Computational domain of the minichannel.
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Energy conservation equation:

) =2 | () <3>

In order to facilitate the investigation of channel geom-
etry effects and channel thermal conductivity effect, the
numerical simulation was conducted for the entire compu-
tational domain, with the solid region being treated as a
special liquid. This implies that the computation is of con-
jugated type [22,23]. The no-slip hydraulic boundary condi-
tion of velocity is adopted for the solid wall, the inlet
distribution is uniform for velocity at the channel inlet
and the outlet boundary condition is considered of local
one-way type [22,23]:

x=0, u=Uy, v=w=0 4)

x =L, the influence coefficient of the downstream
equals zero (5)

u=0, v=0, w=0, atsolid walls (6)

The velocities in the solid region are everywhere zero
which is automatically guaranteed by numerical solution
algorithm for conjugated problem [22,23].

The thermal boundary conditions are given as follows.
The left and right surfaces are the symmetry planes, and
the boundary conditions are adiabatic:

or
or
y:WC+WW, @ZO (8)

At the bottom position, the heat flux is given:

or
2=0, ~Ahg =4, ©)
The top surface is assumed to be adiabatic:
or
z=Hy,+ H,, 5—0 (10)

At the inlet position, the inlet temperature of liquid is
given to be constant, and the outlet boundary is considered
of local one-way type [22,23]:

0, T="Tqu (11)
, the influence coefficient of the downstream

X
X
equals zero (12)

The discretization of the governing equations in the
computational domain is performed on a staggered grid
by using the finite volume method. A stability-guaranteed
second-order difference scheme (SGSD) [24] is used to dis-
cretize the convective terms while the others are approxi-
mated by centre-difference approach. The SIMPLE
solution algorithm is adopted to deal with the linkage
between pressure and velocities, the details of which can
be found in Refs. [22,23]. The deferred correction [23] is
applied to deal with the high-order difference scheme for
convective term. Then each of the discretized equations
forms a tridiagonal matrix, which can be solved by the
alternative direction iteration (ADI) with ease [22,23].

It should be noted that the problem at hand is a conju-
gated one in that both the fluid temperature and the tem-
perature in the channel walls are to be simultaneously
determined during the computation. For this purpose, the
harmonic mean method is used to determine the diffusion
coefficient at the control volume interface [22,23], and to
keep the heat flux continuum at the interface the thermal
conductivity at the different material regions should adopt
individual values while the heat capacity of fluid is used for
all the fluid and solid regions, because the nominal diffu-
sion coefficient in the energy equation is A/cp, rather than
A itself [25]. By solving the problem in the conjugated man-
ner, the boundary between the fins and the fluid becomes
the inner interface of two neighboring control volumes,
rather than the third kind of boundary of the fin. Thus
the numerical method adopted in this paper can greatly
save computational time.

It is well known that the channel width and the channel
aspect ratio (H./W,) have significant effects on the perfor-
mance of minichannel heat sink. In order to get better ther-
mal performance and acceptable mild pressure drop, the

Table 1

Range of test parameters

Parameters Range

Ui, (m/s) 0.1-1.5

W, (mm) 0.5-0.8

H_. (mm) 2-6

W, (mm) 0.1-0.5, 0.8, 1.0
Hy, (mm) 0.1-0.8, 1.0
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effects of the channel geometry and inlet velocity are inves-
tigated parametrically, and the range of the geometric
parameters and the inlet velocity are shown in Table 1.
The width of channel from 0.5 to 0.8 mm can be easily
manufactured with current conventional fabrication tech-
nology and H, should not be very large for the consider-
ation of compactness and ease of manufacture. The
hydraulic diameter Dy, of the fluid flow channel and Rey-
nolds number Re are defined as

4w H,
Dp=——¢S°¢ 13
"T2(W. + H.) (13)
_ UnDh,
- v

Re

(14)

where Uy, is the mean fluid velocity in minichannel which is
equal to inlet velocity U, and v is the kinematic viscosity
of fluid.

Definition of overall thermal resistance 6 is shown in
equation:

Tmax*Tin
0
Q=g x4y (16)

where Ty« 1 the maximum bottom temperature, T3, is the
inlet fluid temperature, Q is the total heat generation, ¢ is
the bottom heat flux, and A4y, is the whole heating area of
heat sink.

When the Reynolds number is less than 2300, the flow
regime in the minichannel is considered laminar. All the
Reynolds numbers are less than 2300 with the parameters
listed in Table 1. The inlet temperature of water is 300 K.
The thermophysical properties of water at 40 °C are used
in the numerical simulation. The material of heat sink is
pure copper. The bottom dimension is 20 mm x 20 mm,
which was determined according to the conventional chip
sizes. Since the channel width spans a quite large variation,
the gird systems are different for individual case, and the
finest grid system adopted in the computation has nodes
as large as 840,000.

0 — (15)
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Fig. 3. Grid test for minichannel with W, = 0.5 mm, H. =5 mm, W,, =
0.5mm, H, =1 mm, and Uy, = 1 m/s.

The grid independence examination of the numerical
solution is illustrated in Fig. 3, where the thermal resistance
is displayed. The parameters are W.=0.5 mm, H.=5 mm,
Wy =0.5mm, H,=1mm, and U;, = 1 m/s, respectively.
The deviation between case 2 (100 x 50 x 69) and case 3
(100 x 50 x 118) is very small (less than 1%), so grid sys-
tem of case 2 is adopted for the parameter combination
mentioned above. During the iterative solution process if
the relative deviation between two consecutive iterations
is less than the specified small value &, the iteration is con-
sidered converged:

max (| ¢, — & |/ 1 bl 1) <o (17)

where ¢ represents the variables u, v, w and ¢. g4 = 1077 is
used in this paper.

4. Results and discussion

Supplied pumping power W, to generate the flow is
defined in equation:

Wop=mn-V-Ap (18)

where n is the number of cooling channel, which is equal to
the integer part of ﬁ, ¥ is the volumetric flow rate and
Ap is the pressure drop through the heat sink.

The effects of channel width W, channel height H., bot-
tom plate thickness Hy, channel wall thickness W, and
inlet velocity Uy, are parametrically studied. The numerical
results will first be presented about the influences of those
parameters on the water pressure drop Ap through the
cooling device and the thermal resistance 0 in the device.
When the pressure drop Ap and thermal resistance 0 are
studied, the bottom heat flux g, is assumed to be 100 W/
cm?, while when the effect on the maximum heat flux Gmax
is concerned, the maximum temperature difference AT is
taken as 50 °C. Attention is then turned to seek the
nearly-optimized configuration of the minichannel and
the corresponding geometries are proposed. Finally some
conclusions are drawn.

In the parametric study only one parameter is varied
while all the others are kept constant, and the values of
other parameters are initiated at first. After the effect of
one parameter has been investigated and the best value
of the parameter has been obtained with other parameters
remained constant, the best value found in such a way is
assumed to be the best value for all other parameter com-
binations and is used in the successive study for other
parameters. The rationality of such practice will be dis-
cussed later.

4.1. Effect of channel height

The relations of the pressure drop and pumping power
with channel height are shown in Fig. 4. The computations
are conducted for the case of inlet velocity of 1 m/s, bottom
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Fig. 4. Effect of channel height on pressure drop and pumping power.

plate thickness of 1 mm, channel wall thickness and chan-
nel width of 0.5 mm.

As shown in Fig. 4, the pressure drop decreases with the
increase in channel height. Flow rate per channel increases
linearly with the increase in channel height at constant inlet
velocity, while the corresponding pressure loss decreases
mildly. As can be observed in the figure, the pressure drop
decreases about 15% from channel height of 2-6 mm. The
pumping power increases with the increase in channel
height, and the slope of the pumping power vs. channel
height shows a linear variation.

Fig. 5 shows that the variation of the thermal resistance
with channel height has the similar trend as the pressure
drop vs. channel height. It can be observed from the figure
that for the case studied further increase in the channel
height make no contribution to the increase of the maxi-
mum heat flux. The maximum heat flux deviation is less
than 4% for the channel height of 5 and 6 mm. So in the
following discussion the channel height of 6 mm will be
chosen as the optimum value.

T T T T T T T T T 220
010} "
< o 4200
z e
X .00 s '
o 4180 2
2 2
.E —0O— Thermal resistance o
7 008 o —e— Max heat flux 1160 3
Q [T
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- ]
[} [
E oo7| {140 %
RS ©
£ =
0.06 | TT———0o  J120
1 " 1 " 1 1 " 1

2 3 4 5 6
Channel Height / mm

Fig. 5. Effect of channel height on thermal resistance and max heat flux.

4.2. Effect of channel width

When effect of channel width is considered, the compu-
tations are conducted for the case of inlet velocity of 1 m/s,
channel height of 6 mm, channel wall thickness of 0.5 mm
and bottom plate thickness of 1 mm. Here the purpose is to
examine the maximum heat flux with the change of channel
width. Thus as indicated above, the constraint of tempera-
ture difference 50 K is applied. The variations of pressure
drop and pumping power with channel width are shown
in Fig. 6. They both have the same variation trend and
both decrease with the increase of channel width. The max-
imum heat flux also decreases with the channel width while
the thermal resistance varies in the opposite direction as
shown in Fig. 7. From the variation of thermal resistance
with channel dimensions shown in Figs. 5 and 7, it is found
that the narrow and deep channel is better for heat trans-
fer, in spite of higher pressure drop penalty. To keep a rea-
sonable balance between pressure drop and heat flux, the
channel width of 0.5 mm will be chosen as the optimum
value in the following discussion.
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1000 | i
—0O— Pressure drop 0.060
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° ° 177 ¢
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Fig. 6. Effect of channel width on pressure drop and pumping power.
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Fig. 7. Effect of channel width on thermal resistance and max heat flux.
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Fig. 8. Effect of channel wall thickness on thermal resistance.

4.3. Effect of channel wall thickness

Fig. 8 represents the variation trend of thermal resis-
tance vs. channel wall thickness. The computations are
conducted for the case of inlet velocity of 1 m/s, channel
height of 6 mm, channel width of 0.5 mm and bottom plate
thickness of 1 mm. Numerical results show that the channel
wall thickness has significant effect on the thermal resis-
tance, and there is a turning point of channel wall thickness
at which the thermal resistance reaches its minimum. This
variation pattern can be analyzed as follows. The heat
transfer process from the bottom to the cooling water of
the channel includes two thermal resistances in series: the
conductive thermal resistance through the channel wall
and the convective thermal resistance of the side wall,
which is fixed at the given inlet velocity and the given side
wall surface area. When the channel wall thickness W,, is
too narrow the conductive thermal resistance predomi-
nated and the increase in W, reduces the conductive ther-
mal resistance, hence, the total thermal resistance.
However, further increase in W,, leads to the significant
increase in the total heat transfer rate entering the compu-
tational unit for the fixed heat flux condition, and this
causes the increase in 7, in order to transfer the
increased total heat transfer rate at the fixed convective
heat transfer condition. The turning point at the channel
wall thickness of 0.3 mm makes the best thermal perfor-
mance. So it is considered that the thickness of 0.3 mm is
the optimum one of the channel walls.

4.4. Effect of bottom plate thickness

Fig. 9 shows the effect of bottom plate thickness on ther-
mal resistance. The computations are conducted for the
case of inlet velocity of 1 m/s, channel height of 6 mm,
channel wall thickness of 0.3 mm and channel width of
0.5 mm. Pressure drop and pumping power are remained
unchanged for each inlet velocity due to the fixed channel
dimensions. From the figure it can be seen that the thermal

0.0550 —_—— .
= n
¥ 0.0545 [ i
[+
(%)
c
8
@ 0.0540 | 4
n
[
4
©
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0.0 0.2 0.4 0.6 0.8 1.0

Bottom Thickness / mm

Fig. 9. Effect of bottom plate thickness on thermal resistance.

resistance first decreases with the increase of bottom plate
thickness, reaches its minimum at 0.2mm and then
increases with the increase of bottom plate thickness. For
the case studied bottom plate thickness of Hy = 0.2 mm
is the turning point when the effect of bottom plate thick-
ness is considered. The heat transfer rate entering into
the bottom surface of Hy, is transferred through two ways:
one-way is the heat conduction from the bottom surface to
the top surface of H, and the other is from the bottom sur-
face to the two side walls of the computational unit. The
first part increases with the decrease of Hy, while the sec-
ond part decreases with the decrease of Hy. The above-
mentioned variation trend is resulted from the balancing
between the heat conduction of the two parts. In the fol-
lowing discussion the bottom thickness of 0.2 mm will be
chosen as the optimum value.

From the above discussion about the influences of
parameters of interest on the pressure drop and thermal
resistance, we can obtain a nearly-optimized configuration
of the heat sink as follows: W.=0.5mm, H.= 6 mm,
Hy,=02mm, W,=0.3mm. For this nearly-optimized
configuration there are total 25 channels for the fixed width
of the heat sink. To verify the numerical results the present
authors have conducted additional numerical simulation
based on the orthogonal design method, the details of
which can be found in Montgomery [26] and Liu [27].
The factors and their levels have been shown in Table 2
where factors A, B, C and D are the channel height, the
channel width, the channel wall thickness and the bottom

Table 2
Factors and their levels
Levels Factors
A B C D
H_ (mm) W, (mm) Wy (mm) Hy, (mm)
1 2 0.5 0.1 1.0
2 4 0.6 0.3 0.2
3 5 0.7 0.7 0.5
4 6 0.8 1.0 0.8
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Table 3
Arrangement of test using L;s (4°) orthogonal array
Column No. 1 2 3 4 5
Factors Run 4 B C D Blank
H.(mm) W, (mm) W, (mm) H, (mm)
1 1 2 3 2 /
2 3 4 1 2 /
3 2 4 3 3 /
4 4 2 1 3 /
5 1 3 1 4 /
6 3 1 3 4 /
7 2 1 1 1 /
8 4 3 3 1 /
9 1 1 4 3 /
10 3 3 2 3 /
11 2 3 4 2 /
12 4 1 2 2 /
13 1 4 2 1 /
14 3 2 4 1 /
15 2 2 2 4 /
16 4 4 4 4 /
Table 4
Analysis of the numerical experiment results
Run Factors
A B C D Results
H_ (mm) W, (mm) Wy (mm)  Hp (mm) OEK-W )
1 1 2 3 2 0.115725
2 3 4 1 2 0.096020
3 2 4 3 3 0.085995
4 4 2 1 3 0.076881
5 1 3 1 4 0.097882
6 3 1 3 4 0.062047
7 2 1 1 1 0.069161
8 4 3 3 1 0.069927
9 1 1 4 3 0.126800
10 3 3 2 3 0.068901
11 2 3 4 2 0.090063
12 4 1 2 2 0.052746
13 1 4 2 1 0.108380
14 3 2 4 1 0.076046
15 2 2 2 4 0.066525
16 4 4 4 4 0.078836
T 0.112197 0.077688  0.084986 0.080878
T, 0.077936 0.083794  0.074138 0.088638
Ts 0.075753 0.081693 0.083424 0.089644
T, 0.069597 0.092308  0.092936 0.076323

be noted that the case 12 is also the parameter combination
of the nearly-optimized configuration found in the previous
computation, which can be expressed by the level selection
of 4-1-2-2 of the four factors in order.

A careful inspect of Table 4 may find that for factor D
the average effect of Level 4 (T, = 0.076323) is less than
that of Level 2 (T, = 0.088638), while Level 2 of factor
D is incorporated in the optimized combination. In order
to confirm the validity of the selection, the present authors
have conducted additional numerical simulation to com-
pare the results of the two parameter combinations. The
former three factors take the levels of 6, 0.5 and 0.3 mm,
respectively, while factor D takes Level 2 and Level 4,
i.e., the combination between 4-1-2-2 and 4-1-2-4 is con-
ducted. It is found that the thermal resistance of 4-1-2-2
is less than that of the combination of 4-1-2-4.

It is interesting to note that the present authors also
have made another design of experiment (DOE) in which
the four levels of the factor D is selected as 0.1, 02, 03,
and 0.4 mm. The results once again confirmed that the
combination of 4-1-2-2 is the best one.

4.5. Effect of inlet velocity

Simulations of inlet velocity effect are conducted for this
nearly-optimized configuration and the results are pre-
sented in Figs. 10-12. Pressure loss varies from about
70 Pa at inlet velocity of 0.1 m/s to about 1817 Pa at inlet
velocity of 1.5m/s, while pumping power from 5.3 x
10~* to 0.205 W. The variations of thermal resistance and
the maximum heat flux with inlet velocity are shown in
Fig. 11. Thermal resistance decreases with the increase of
inlet velocity, while the maximum heat flux increases. The
thermal resistance decreases with the increase of inlet
velocity, and its slope decreases gradually. The increase
in inlet velocity can reduce the convective thermal resis-
tance which is only a part of the total thermal resistance.
With the decrease in the convective thermal resistance the

plate thickness, respectively. The arrangement of test using
Ly (4°) orthogonal array can be seen in Table 3. This table
is copied from [27], in which five factors can be considered
with each parameters has four levels. Since in our problem
there are only four factors, the last column of Table 3 is
empty (blank). There are totally 16 combinations of the
four factors should be computed. The results of the thermal
resistance are listed in the last column of Table 4. In the
table 7, represents the average effect of ith level of a factor.
From Table 4 it can be directly seen that the smallest ther-
mal resistance (0.052746 K/W) is reached by No.12. It is to
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Fig. 10. Pressure drop and pumping power by inlet velocity based on the
nearly-optimized channel geometry.
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optimized channel geometry.

conductive part becomes more and more important, and
this leads to the less effect of the reduction in the convective
thermal resistance. Therefore, at relative high inlet velocity
the gain in the total thermal resistance reduction is
obtained with high penalty of pressure drop. The thermal
resistance is 0.0488 K/W and the maximum heat flux is
256 W/cm? at inlet velocity of 1.5m/s. At the low inlet
velocity of 0.1 m/s, the thermal resistance and the maxi-
mum heat flux are 0.091 K/W, and 137 W/cm?, respec-
tively. For this nearly-optimized configuration, the
relationship between thermal resistance and pumping
power under the above conditions is presented in Fig. 12.

4.6. Comparison with results predicted by correlations

As mentioned in the introduction section, conventional
correlations can be used to predict the flow and heat trans-
fer characteristics in minichannels. So conventional Darcy
friction factor f can be used to obtain pressure drop Ap, or
vice versa

_Ap Dh

Uk L
2

f

(19)

For the determination of Nusselt number, Nu, we use
the correlation in terms of channel aspect ratios (o)
obtained by Kim and Kim [28]:

1.5
Nu = 2.253 + 8.164( % ) (20)
o + 1

Convective heat transfer coefficient /1 can be obtained from
Nusselt number:

Nulf
h= D, (21)
where Dy, is hydraulic diameter and /¢ is the thermal con-
ductivity of fluid.

The heat sink can be analyzed as a two-dimensional flow
through narrow rectangular channels with a constant heat
flux boundary condition at the bottom of plate, and capac-
ity resistance and convective resistance were considered in
Ref. [29]. Here conductive resistance is also included when
the thickness of bottom plate is taken into account. Ther-
mal resistance 6 including three thermal resistance terms
in series is expressed by

1 1 1
=y ey, T iy,

0 (22)
where 71 is the total mass flow rate of coolant through
channels and Ay, is the bottom area. The inclusion of the
capacity resistance comes from the fact that the definition
of the total thermal resistance 0 is based on the temperature
difference of (Tiax — Tin) (see Eq. (15)).

The surface area available for heat transfer, Ay, can be
written as [30]:

Ag =nW L+ 2nnH L (23)
where 7 is the fin efficiency which is expressed as

y = tan h(mH.)

. (24)

where H., is the height of channels and m is defined as
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Fig. 13. Relationship between fRe and Re.
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[ 2n
=N, (25)

with the assumption of L > W,,.

Comparison calculations were performed between three-
dimensional numerical simulation and correlation
approach as mentioned above. Fig. 13 gives the relation-
ship between fRe and Re. The results show that fRe
increases with the increase of Re. For laminar channel flow
in conventional size, it is well known that fRe should be a
constant for the fully developed region. However, the mini-
channel flow here is in the developing region because of the
uniform distribution of inlet velocity, which is the reason
why the numerical predictions vary with Re. To verify this
understanding the present authors have conducted addi-
tional numerical calculations by posing periodic boundary
conditions at the channel inlet and outlet. It is found that
such predicted values of fRe do not vary with Re.

Fig. 14 displayed the effect of inlet velocity on thermal
resistance for the nearly-optimized configuration based
on the two methods, respectively. The two curves of ther-
mal resistance shown in Fig. 14 are in good agreement with
each other with the maximum difference about 12%. How-
ever, the two curves have an intersection point, and the
curve of correlation trends to reach a limitation, while
the other still has the potential to reduce thermal resis-
tance. This difference can be understood as follows. For
the correlation approach, because the aspect ratio (o) of
the nearly-optimized minichannel configuration is a con-
stant, according to Eqgs. (20) and (21) the Nusselt number
(Nu) and convective heat transfer coefficient (/) are con-
stant, then the first term of Eq. (22) does not vary with
the inlet velocity. Also, the third term has no change with
the fixed bottom plate thickness. Hence, inlet velocity or
flow rate can only effect the second term of thermal resis-
tance 0 in Eq. (22), which reduces to limit value of zero
with the increase of flow rate, so the limitation of thermal
resistance 60 is the constant sum of the first term and the
third term of Eq. (22). Actually, due to the uniform distri-
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Fig. 14. Results comparison on the effect of inlet velocity on thermal
resistance.

bution of inlet velocity, the flow in minichannel is not
developed fully, therefore entrance effect should be taken
into account, so Nusselt number (Nu) and convective heat
transfer coefficient (/) should not be constant, and flow rate
has influence on them. Both of them increase with the
increase of inlet velocity, so the first term of thermal resis-
tance and the total thermal resistance reduce with the
increase of inlet velocity.

It should be emphasized that the quite good agreement
does not necessary mean that the three-dimensional numer-
ical simulation is not useful, rather, it is the three-dimen-
sional numerical simulation that can account for the
complicated effects of different factors and give a clear
physical understanding of the heat transfer and fluid flow
process. And only when the comparison between the pre-
diction of the three-dimensional simulation and the corre-
lation prediction ensures their agreement, the correlation
method then can be used in the preliminary design of the
cooling devices.

5. Conclusions

The heat transfer and pressure drop characteristics for
single-phase laminar flow in minichannel heat sinks are
analyzed in the present paper. The results are presented
for a chip with an active cooling area of 20 mm x 20 mm.
From the results and analysis, following conclusions can be
obtained:

(1) Pressure drop, an important parameter for minichan-
nel heat sink design is a strong function of the chan-
nel geometry. From heat transfer, a narrow and deep
channel is better than that of a wide and shallow
channel, in spite of the high pressure drop penalty.
To keep a reasonable balance between pressure drop
and heat transfer, optimized study should be con-
ducted for every given case.

(2) Both channel wall thickness and bottom plate thick-
ness have an optimum value at which thermal resis-
tance reaches its minimum according to the limited
bottom surface area.

(3) A nearly-optimized configuration is obtained for the
heat sink with bottom size of 20 mm x 20 mm. For
this heat sink the maximum heat flux reaches about
256 W/cm? under the constraint of temperature dif-
ference 50 K with inlet velocity of 1.5 m/s, the cor-
responding thermal resistance is 0.0488 K/W and
pumping power is 0.205W. Even at lower inlet
velocity of 0.1 m/s, the thermal performance is also
quite good with thermal resistance of 0.091 K/W,
pumping power of 5.3 x 107* W and the maximum
heat flux of 137 W/cm?. The orthogonal analysis
has verified the nearly-optimized configuration to
be the best one in the research ranges of
parameters.
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(4) A good agreement is obtained from the compari-
son between the thermal resistance predicted by
conventional correlations and numerical simula-
tions with the maximum difference about 12%.
However, numerical simulations can predict the
entrance effect on pressure drop and thermal per-
formance for the uniform distribution of inlet
velocity, while correlation method based on the
fully developed profiles fails to reveal such
characteristics.
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