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Experimental and numerical study of developing turbulent flow
and heat transfer in convergent/divergent square ducts

L.-B. Wang, Q.-W. Wang, Y.-L. He, W.-Q. Tao

Abstract The work reported in this paper is a systematic
experimental and numerical study of friction and heat
transfer characteristics of divergent/convergent square
ducts with an inclination angle of 1° in the two direction at
cross section. The ratio of duct length to average hydraulic
diameter is 10. For the comparison purpose, measurement
and simulation are also conducted for a square duct with
constant cross section area, which equals to the average
cross section area of the convergent/divergent duct. In the
numerical simulation the flow is modeled as being three-
dimensional and fully elliptic by using the body-fitted fi-
nite volume method and the k—¢ turbulence model. The
uniform heat flux boundary condition is specified to
simulate the electrical heating used in the experiments.
The heat transfer performance of the divergent/convergent
ducts is compared with the duct with uniform cross sec-
tion under three constraints (identical mass flow rate,
pumping power and pressure drop). The agreement of the
experimental and numerical results is quite good except at
the duct inlet. Results show that for the three ducts studied
there is a weak secondary flow at the cross section, and the
circumference distribution of the local heat transfer coef-
ficient is not uniform, with an appreciable reduction in the
four corner regions. In addition, the acceleration/deceler-
ation caused by the cross section variation has a profound
effect on the turbulent heat transfer: compared with the
duct of constant cross section area, the divergent duct
generally shows enhanced heat transfer behavior, while the
convergent duct has an appreciable reduction in heat
transfer performance.
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List of symbols

A area, m?

Al, A2 inlet and outlet cross section area of duct, m?

C heat capacity, J/kg - K

Cp pressure recover factor

D hydraulic diameter, m

f friction factor

h heat transfer coefficient, W/m? - K

k thermal conductivity, W/m - K, turbulent kinetic
energy, (m/s)?

L axial length of duct, m

m mass flow rate, kg/s

Nu Nusselt number

p pressure, Pa

Ap pressure drop of duct due to friction, Pa

Q heat transfer rate, W

Qloss heat loss to environment, W

Re Reynolds number

T temperature, K

U duct average velocity, m/s

x streamwise direction, m

»z spanwise coordinates, m

Greek symbols

p inclination angle, degree

e dissipation rate, (m/s)?

v kinetic viscosity, m?/s

P fluid density, kg/m’

Subscripts

b bulk

in inlet

m mean

out outlet

w wall

1

Introduction

Ducts with rectangular cross section are widely used in the
heat exchanger devices. Both laminar and turbulent de-
veloping and developed flows and heat transfer in rect-
angular ducts have been extensively studied. These results
are well documented in references such as [1, 2]. However,
cases are often encountered where a convergent and/or
divergent duct with square cross section is adopted be-
cause of some technological or constructional demand.
Examples include the heat exchanger located between the
compression and expansion spaces of a Stirling cycle
cryocooler [3], thrust chambers of cooled rocket engine,
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and air intake ducts of fighter jet aircraft [4], etc. In
addition, the convergent/divergent square ducts are also
used in the modeling of gas turbine blade cooling process.
The cooling channel of a gas turbine is often modeled by a
duct with a square cross section [4]. In the flow direction,
the cooling passages may vary its cross-section area. Such
a geometric variation may induce some differences in both
flow and heat transfer characteristics compared to those
models with straight rectangular channel. The study on the
effect of acceleration and deceleration of the turbulent flow
on heat transfer in three dimensional ducts is of impor-
tance from either academic or engineering point of view.

The effect of the streamwise acceleration or deceleration
on the development of turbulent boundary layer is of
theoretical and practical significance, and have been ex-
tensively investigated [5-9]. The general conclusion ob-
tained from these investigations about the effect of flow
acceleration on turbulent heat transfer is that acceleration
may lead to thermal boundary layer penetrating signifi-
cantly beyond the velocity boundary layer and turbulent
boundary layer may be laminarized, hence deteriorates the
heat transfer. The focuses of these investigations were put
on the boundary layer development and parabolic flow
was usually employed. As far as the internal flow and heat
transfer in three dimensional convergent/divergent ducts
are concerned a search of literatures only revealed a lim-
ited number of publications, which are briefly reviewed as
follows.

In the work of Tanaka et al. [10] heat transfer mea-
surement was conducted for a fluid flow through a con-
vergent to a constant cross section duct at Reynolds
numbers ranging from 5000 to 14,000. The measured
Nusselt numbers in the accelerating portion were less than
constant area portion, suggesting laminarization. In the
work of Mutama and Iacovides [11] the hydrodynamic and
thermal development of turbulent boundary layers sub-
jected to streamwise acceleration has been investigated in
a long two-dimensional duct with the convergent angle
being only 0.53°. The tested Reynolds number range is
4000-21,000. Their results show that even at so small ac-
celeration parameter, the skin friction coefficients and
Stanton number are well below those encountered in
parallel channel flow at corresponding Reynolds numbers.
The entry region behavior is further complicated by the
combined effects of thin inlet boundary layer and
streamwise acceleration.

As to the divergent duct, the flow has streamwise ad-
verse pressure gradient. The divergent duct usually serve
as a diffuser. Diffusers are widely used for converting ki-
netic energy to pressure. In the studies of diffusers, the
main aim is to improve the efficiency of converting kinetic
energy to pressure, and such studies of fluid flow in the
diffusers had been carried out extensively. The study on
heat transfer characteristics of divergent duct, however, is
very limited, and the present authors only found one
related paper by Su and Lin [12]. They conducted the
numerical simulation of forced laminar convection in
convergent and divergent ducts of rectangular cross sec-
tion. The duct has constant height but its width varies
along streamwise direction. The flow was modeled as being
three-dimensional and parabolic, and the wall temperature

was assumed to be constant. In their simulation the con-
vergent (divergent) angle varied from 0 to 15° and the
cross section aspect ratio varied from 1.0 to 0.1. The re-
sults show that increasing the convergent angle may sig-
nificantly induce high temperature drop and Nusselt
number. The total heat transfer, however, decreases be-
cause the decrease in heat transfer area. For the divergent
ducts, Nusselt number is more or less the same for dif-
ferent divergent angles except in the entrance region. No
any results of turbulent heat transfer were reported in the
public literature.

The main objective of the present study is to discern the
turbulent flow and heat transfer characteristics in con-
vergent and divergent ducts. In this paper, the experi-
mental and numerical methods are used to reveal the
turbulent fluid flow and heat transfer characteristics in
convergent and divergent square ducts with uniform heat
flux boundary condition. In addition, the heat transfer
behavior of the two ducts is compared with that of a
uniform square duct under the constraints of identical
pumping power, identical pressure drop and identical
mass flow rate.

2
Experimental study

2.1

Experimental apparatus

A pictorial view of the test ducts are shown in Fig. 1. As
shown in Fig. 1b, the same duct served as both convergent
and divergent duct depending on the inflow direction. A
schematic of the experimental setup is presented in Fig. 2.
It is a suction system. A 3.5 kW blower was used to draw
the air from the laboratory room to the test duct via a
convergent inlet and a plenum, which is used to provide a
sharp construction entrance condition. The test duct is
connected to an after plenum and a transition duct whose
cross-section gradually varies from square to circular.
Connected to the transition duct is a tube with an inner
diameter of 50 mm equipped with a multiport averaging
Pitot tube [13] to measure flow rate.

Both uniform square-cross duct and convergent or di-
vergent square-cross duct are designed and manufactured.
The square duct has a cross section of 50 x 50 mm. The
convergent/divergent square-cross duct has its largest
cross-section of 58 x 58 mm and smallest cross-section of
41 x 41 mm. The test ducts both are 500 mm long in axial
direction. These dimensions make the convergent/diver-
gent duct has its two inclination angles f/; = f, = 1° as
schematically shown in Fig. 1c.

The ducts are wrapped uniformly by resistance strip
which is controlled by a variac transformer to provide a
controllable electrical heating to the test duct. The ducts
are insulated by plastic foam. Forty eight copper-con-
stantan thermocouples are used to measure the axial wall
temperature distribution of one wall of each test duct.
Since the effect of the natural convection can be neglected,
one wall can be regarded as a representative of the others.
These thermocouples are arranged in three axial lines, with
one being the center line of the wall. Their axial positions
are shown in Fig. 3a. For the three other walls without
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Fig. 3a, b. Arrangement of thermocouples and pressure taps
a thermocouples; b pressure taps

thermocouples, nine pressure taps along the centerline of
the each wall are used for static pressure drop measure-
ment. Axial pressure tap locations are given in Fig. 3b. An
incline manometer with an resolution of 1.63 Pa is used

for pressure drop measurement in the test ducts. All the
thermocouple signals are acquired with a data acquisition
system and sent to a personal computer for data reduction.
The temperatures of the entering fluid is measured by one
thermocouple checked by a liquid thermometer with a
resolution of 0.1 °C, while the leaving fluid temperature is
measured by five thermocouples distributed at a screen set
up adjacent to outlet section of the test duct.

2.2

Data reduction

The local heat transfer coefficient is calculated by the
following equation:

hx - (Q - Qloss)/[A(Tw,x - Tb,x)] (1)

where Q is the total thermal power supplied by the elec-
trical heater, Qo is the power loss to the environment, A
is the total inner surface area. The local wall temperature
used in Eq. (1), Ty, is obtained from the output of the
average thermocouple readings at each cross-section.

The local bulk temperature used in Eq. (1) is calculated
by the following equation

Tb,x = Ti[(Q - Qloss)Ax]/(mcpA) (2)

where A, is the partial surface area of the duct from the
inlet to the axial position x. The heat loss to the envi-
ronment is estimated by heat conduction through the
plastic foam and the two end losses. And for the most
cases studied the ratio of Qs/Q is less than 5%. This
estimation is confirmed by the thermal energy balance
between the fluid enthalpy increase and the total power
input. In the data reduction Qo is determined from the
measured outlet fluid temperature.

The local Nusselt number is defined by

Nu, = hDn /k (3)
The duct average Nusselt number and Reynolds number
are defined by
UnD

v

Nu = (Q - Qloss)Dm/[kA(Tw - Tb)]; Re =

(4)
The characteristic length, average bulk temperature and
average wall temperature of the duct are defined by
Din + Dout o Tin + Tout

bn="g 0 =g

r (5)
[t

In the data reduction, T} is taken as the reference tem-
perature and Uy, is calculated by the duct midway cross
section area.

Attention is now turned to the definition of the duct
friction factor. For the constant cross-section duct, the
average friction factor is defined by

f=[(Ap/L)Dw)]/(pUy/2) (6)

where Ap is the pressure drop of the entire test duct due to
friction.

Ty =

| =
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As for the convergent or divergent duct, the definition
of the friction factor should take the effect of the variation
of the cross section into account [14, 15]. The average
friction factor for the duct is defined by:

U2 Dy Ain \?
=L Zmoly o 7
f=ge - (42) )

where 4 is defined by

In Eq. (8) C, is the pressure recover factor for the entire
test duct, which is defined as follows:

C. — out — pin 9
The pressure drop data of the present investigation were
measured for heated fluids.

Using the uncertainty estimation method of Kline and
McClintock [16] and Moffat [17] the maximum uncer-
tainty in the average Nusselt number and average friction
factor are estimated to be less than 9 and 11%, respec-
tively.

2.3

Numerical investigation

The numerical simulations are performed by solving fully
elliptic 3-D Navier-Stokes equations in body-fitted coor-

dinate system. The flow and heat transfer are assumed to
be incompressible, and in steady-state.

The grid systems used in the calculation are generated
by the multisurface algebraic method [18-20]. The sche-
matic of the three grid systems used in the computations
are shown in Fig. 4.

The governing equations in the computational space are
discretized by using the control-volume method [21]. In

Fig. 4. Grid systems generated by multi-surface method

this procedure the computational domain is descretized by
a series of control volumes, and the governing equations
are then integrated over a control volume. During the
integration the profile approximations are made in each
coordinate direction for the dependent variables, leading
to a system of algebraic equation that can be solved in an
iterative manner. The velocity pressure-velocity coupling
is handled by the SIMPLE algorithm [21]. The collocation
grid arrangement is used in the present study. To ensure
the coupling between velocity and pressure the momen-
tum interpolation of Rhie and Chow [22] is adopted to
determine the interface velocity. To make the numerical
solution be independent on the under relaxation factor,
the relaxation factor is resumed to one before the mo-
mentum interpolation is used to determine the interface
velocity [23].

In the present calculation, the standard k—¢ turbulent
model is adopted [24]. The outlet boundary condition of
the computational domain is treated by local one-way
method [21]. The velocity and kinetic energy of turbulence
are assumed to be uniform at the duct inlet. At the walls,
the no-slip condition is used in conjunction with the wall
functions method, which is implemented by the method
provided in [25]. For temperature equation the wall
functions are used to determine the wall temperature from
the computed near wall temperature fields, since the heat
flux is prescribed at the wall. The difference between the
wall temperature so determined and the local bulk tem-
perature is then used to compute the local heat transfer
coefficient.

In the calculation, it was found that when the inlet k is
in the range of 0.5-1.5% kinetic energy of flow, there is
insignificantly effect on numerical results. The good
agreement between numerical and experimental results
was found when the y*, z* are in the range of 11.5-40.
Grid-independence studies were performed for case of
Re;, = 100,000 to all three ducts, and results for grid sizes
of 41 x 16 x 16, 61 x 16 x 16,41 x 21 x 21 were obtained.
The difference between the results is less than 1%,
then the solutions presented in this paper were obtained
using the 41 x 21 x 21 grid.

3

Results and discussion

In order to simplify the presentation, the following sym-
bols are adopted for the three ducts: A-1: uniform cross-
section square duct; A-2: divergent duct; A-3: convergent
duct. For a concise presentation, the experimental and
numerical results will be provided in a parallel way.

3.1

Local characteristics

The measured local heat transfer coefficients and pressure
recover factors of the three ducts are presented in Figs. 5
and 6.

From Fig. 5, following features may be noted. First, as
expected, for each of the tested ducts, the local heat
transfer coefficient increases with the Reynolds number.
Second, at the inlet of each tested duct, the local heat
transfer coefficient decrease significantly along streamwise
direction. Third, in the downstream part of the duct, the
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Fig. 5. Experimental local heat transfer coefficient

streamwise variations of the local heat transfer coefficients
are quite different. For the uniform cross section duct, h,
reaches a constant after x/Dy, is greater than 6; while for
the divergent duct a continuing decrease trend in the local
heat transfer coefficient can still be observed, especially for
the higher Reynolds number case. As for the divergent
duct, the streamwise variation trend of h, in this part is
just opposite. And the higher the Reynolds number, the
more appreciable the streamwise increase trend. It should
be noted that in the three figures, the heat transfer mea-
surement data of the last station all have a trend of in-
creasing. This is expected to be resulted by the end heat
loss, which make the wall temperatures nearby decrease in
some extent. The guide-heating method should have been
adopted to alleviate such phenomenon. To be objective,
the data of the last stations for the three ducts are still
retained in the pictures. The different streamwise variation
trends of the local heat transfer coefficients for the three
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Fig. 6a-c. Experimental local pressure recover factor

ducts are obviously caused by the streamwise acceleration
or deceleration as revealed by previous investigation for
two dimensional boundary layer flows.

The measured pressure recovery factors also represent
the significant effect of the different streamwise duct
shape. For the uniform cross-section duct the pressure
drop is basically induced by skin friction. As can be seen
from Fig. 6a along the streamwise direction, the absolute
value of the pressure recovery factor decrease mildly in the
most part of the duct. While for the divergent and con-
vergent ducts, the pressure drop is mainly induced by the
change in streamwise cross-section, which leads to the
transformation between the dynamic and static pressures
of fluid, resulting in streamwise increase (A-2) or signifi-
cantly decrease (A-3) of C,, as can be observed from
Fig. 6b, c.

403




404

240 F
X 8o}t
180 —e— numerical
L o experimental ]
. Rem=54500
%120 }+ »
< S 40
60 |- x/Dm=1.46
x/Dm=5.00
~0— x/Dm=8.54  (b)
Re,=100000
o i Y 1 i 1 i i O i i . A A L re L r
0 2 4 6 8 10 -0.50 -0.30 -0.10 0.10 0.30 0.50
X/Da n
1 E
« numerical F
| o experimental . o 1 * numerical
= area average numerical o & ¢ experimental
o : 10~ 3
H E o o
. 3 .
S0t f go “ : oo°°°°° e o .
3 : ] s %90 @45 00 °
o -2 b
o8 107
8 s
{c) (d) ) .
- \ \ . P o Fig. 7a-d. Numerical results of heat
104 10¢ 104 10° transfer coefficients and friction factor
Rem Ren (duct Al)
400
0 Ren,=10650 . -
] 0 Ren=33730experimental —0-x/Dp=3
o (@) » Rer=75610 120 (b)  —x/Do=5 Rem=33730
300 —— Re,=10650 ——%/Dm=
—»— Ren=33730 numerical ~4—x/Dpm=10
: -+~ Ren=75610 A-2
A-2
200 k 80 | o
2 ~

100 TS0 5 o
Q0.0 0

' n N i

6 8 10 0.0 0.2 0.4

0.6 0.8 1.0

Y/De

—— experimental
—*— numerical
. —A— nxmzerlcol gverage

—e— experimental
—— numerical

01 E
o] E o . - .
“100 | = ! N‘-‘\.—“‘F“N\‘
: 0.01 3

I (c) [ (d)

. N , Fig. 8a-d. Numerical results of heat

‘ 0001 = transfer coefficients and friction fact

10 . 10° 104 . 10+ transfer coefficients and friction factor

The numerical results of local heat transfer character-
istics are shown in Figs. 7a, b, 8a, b, 9a, b. As indicated by
these figures, generally speaking, the agreement between
the numerical results and experimental results is satisfac-
torily, except for the duct inlet where the discrepancy
between the numerical and test data may be attributed to
the inlet condition simulation. The spanwise local heat
transfer coefficient distributions presented in Figs. 7b, 8b,
9b all show that in the duct corner, the heat transfer co-
efficient is relatively low compared to the other part of the

(duct A2)

wall. This is basically caused by the retarding effect of the
corner walls which appreciably slows down the fluid
velocity in the corner region, thereby deteriorates the
local heat transfer.

Figure 10 shows the cross section velocity field in the
middle section of the three ducts. It is found that for all the
three ducts, the secondary flow at the cross section are all
very weak. In the uniform cross section duct (Fig. 10a) and
the convergent duct (Fig. 10c), the fluid moves from out-
side to inner core of the cross section, while in the
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skin friction. It is to be noted that the effect of the static
pressure variation caused by the streamwise change in
cross section area has been excluded in calculation of f.

The numerical results of the centerline average and
surface average Nusselt number are shown in Figs. 7c, 8¢
and 9c. The numerical results of f are shown in Figs. 7d,
8d and 9d. It can be seen that for duct A-1 and A-3, the
numerical results of centerline Nusselt number agree well
with the experimental results. There also has a quite sat-
isfactorily agreement between the numerical and experi-
mental friction factor for the two ducts. For duct A-2,
however, the discrepancy between the numerical and ex-
perimental results are a bit larger, with under-estimation
of heat transfer and over-estimation of friction factor. This
discrepancy may be attributed to the adopted standard k—¢
turbulence model.

3.2

Heat transfer performance comparison

Attention is now turned to the relative heat transfer per-
formance of divergent and convergent ducts with the
uniform square ducts as a reference. The three widely used
constraints are adopted: identical flow rate, identical
pumping power, and identical pressure drop. Based on the

Ren number and friction factor

constant property assumption and the same characteristic
length, the formulations of the three constraints are given
in the following:

(a) Identical mass flow rate

()" = 1 (10a)

where the superscript “x” stands for the compared duct

and the quantity without * for the referenced duct. From
Eq. (10a) we can obtain following relationship between the
Reynolds number of the duct compared and the reference

duct:

Re;, = Rey,D; /D (10b)
(b) Identical pumping power

! : t

Tap) = (Zar) a
< AP Pias (11a)
This leads to

s|AfRe]

Re fRe, (11b)

m =\ (af)
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(c) Identical pressure drop

(fu?)" = fur (12a)
Then we have
Re’, = Rem/f/f* (12b)

Under the condition of same temperature difference
between the fluid and the wall, the ratio of heat transfer
between the compared duct and the reference duct may
be formulated as follows:

* _ [ANu(Rep)]"
Q _ [ANu(Rey) 13
Q  [ANu(Rey)]
where Nu(Rey,) represents the experimental correlation
between Nusselt number and the Reynolds number, which
are presented in Fig. 11.

The comparisons of the three ducts are shown in
Fig. 12. It can be seen from Fig. 12a that under the iden-
tical mass flow rate constraint, the tested divergent duct
may enhance heat transfer by about 10%, while he con-
vergent duct reduces heat transfer by about 20% in aver-
age. Figure 12b shows that for the constraint of identical
pumping power, the heat transfer enhancement of duct A-
2 and deficit of A-3 are about 5 and 25%, respectively. The
identical pressure drop is the most severe comparison
constraint. As can be observed from Fig. 12c, the divergent
duct has almost the same heat transfer rate as that of A-1,
while the convergent duct deteriorates the heat transfer by
30%. Apart from the acceleration and deceleration effect of
the divergent and convergent ducts, the surface area is the
another ingredient that makes these two ducts behave so
differently. As presented in Fig. 5, at the duct inlet, for
each duct the local heat transfer coefficient is the highest.
For the divergent duct the heat transfer area per unit axial
length at the duct inlet is also the highest, while for the
convergent duct it is the lowest, thus making the pro-
duction of ANuy, different appreciably. In the three panels,
the relative comparisons of A-2 to A-3 under the three
constraints are also presented, with a ratio being always
larger than 1.0.

4

Concluding remarks

The work reported here is a systematic experimental and
numerical study of heat transfer and friction factor of a
divergent/convergent duct with inclination angle of 1° in
y- and z-directions. In the experimental study, the local
heat transfer coefficient and the pressure recover factor
were measured for air flowing in the divergent, convergent
and uniform cross section ducts. The Reynolds number
variation range was 10*-8 x 10%. In the numerical simu-
lation the flow is modeled as being three-dimensional and
fully elliptic by using the body-fitted finite volume method
with uniform surface heat flux. The k—¢ two-equation
turbulence model in conjunction with the wall function
method was adopted. In the paper both the local and av-
erage heat transfer and pressure drop characteristics are
presented in detail. The agreement between test data and
the numerical results is satisfactorily, except for the duct
inlet. Numerical simulation revealed that for the three
ducts simulated the heat transfer coefficient in the duct
corner region is appreciably lower than that of other part
of the duct wall, and there is a weak secondary flow at the
cross section. The heat transfer performance comparison
of the convergent/divergent ducts with the constant cross
section duct were also conducted. The results show that
even with only 1° inclination the divergent duct generally
show favorite behavior in heat transfer while the conver-
gent duct definitely exhibits inferior heat transfer perfor-
mance. This implies that the streamwise acceleration/
deceleration has a profound effect on the heat transfer for
the three dimensional turbulent flow in ducts.
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