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H I G H L I G H T S

• Numerical results of plain and 32-fpi tube agree well with experimental data.

• An increase in film thickness at root fin was observed with increasing fin density.

• Condensing HTCs of lateral and root fin decrease as temperature difference reduces.
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A B S T R A C T

Condensing heat transfer of R134a on horizontal single plain and integral-fin tubes was investigated by both
computational and experimental methods. The VOF model and Lee condensation model were utilized in the
simulation. Validation of the model was performed with two different refrigerants. Condensing heat transfer
coefficient for plain and integral-fin tubes were calculated in comparison with the experimental data and Nusselt
analytical solution. Instantaneous film flow characteristics of condensation on horizontal single plain and in-
tegral-fin tubes were discussed respectively. Contours of liquid volume fraction for the plain tube and con-
densing heat transfer coefficient for the plain tube at different time with Tw=303 K are presented. For integral-
fin tubes, contours show that the thickness of liquid film at lateral fin surface is much smaller than that at root fin
surface. Comparison between R134a and R11 were made and it was found that different surface tension could
lead to different liquid film distribution which could result in different heat transfer performance. Experiments
involving the same fin structure were also conducted to verify the theoretical model and a satisfactory agreement
between simulation and experimental results was found.

1. Introduction

Film-wise condensation outside horizontal tubes occurs frequently
in power, chemical process and air-conditioning systems. Plain tubes
were firstly used in the shell and tube condensers. Nusselt analytical
solution can be used to predict the condensing heat transfer coefficient
of vapor outside the single horizontal plain tube [1]. It has been proved
to be accurate for different types of refrigerants. Integral-fin tube was
used in condensing applications since 1940s and founded to be effective
in the shell and tube condensers. Many experiments have been con-
ducted to test the condensing heat transfer outside the integral-fin
tubes. Cheng and Wang [2] measured the condensing heat transfer
coefficient of R134a outside three integral-fin tubes. They found that
the Beatty and Katz model under-predicts the condensing heat transfer

coefficient for integral-fin tubes by as much as 54% and pointed out
that this model can’t be applied to integral-fin tubes with high fin
density.

In order to obtain optimum fin density for the condensation of
R134a on low-finned tubes, Zhang et al. [3] conducted the experiment
of film condensation of R134a on single horizontal plain tube and five
low-finned tubes. They found that the optimum fin density for R134a is
55 FPI (fins per inch) outside low-finned tubes. Ji et al. [4] tested the
enhanced tubes including integral-fin, pyramid and re-entrant cavity
surface with the heat flux ranging from 8 to 86 kW/m2. The condensing
heat transfer coefficients can be 14.8–19.3 times those of plain tube.
They also experimentally investigated the condensation of R134a on a
single, high-density, low-fin tube and full-sized shell and tube con-
densers [5].
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The effect of condensate inundation on film condensation of R134a
for tube bundles was studied by Gstoehl et al. [6]. They found that the
increasing inundation rate will deteriorate the condensing heat transfer
of 3D enhanced tubes while it has little effect on the heat transfer
coefficient of the low fin tube.

The influence of fin structure and density on the condensation heat
transfer of R134a was experimentally investigated by Al-Badri et al. [7].
Condensing heat transfer coefficient of enhanced finned tubes with 39,
48, and 56 FPI and different fin heights was tested in comparison with
the standard one. The result shows that the tube with 48 FPI and larger
fin height has the highest condensing heat transfer coefficient com-
pared with other standard finned tubes. Recently, the heat transfer
performance of some new refrigerants was also tested. External con-
densing heat transfer coefficients of R134a and R1234yf were measured
on a plain, low fin, and Turbo-C tubes by Park et al. [8].

Gebauer et al. [9] tested the condensing heat transfer coefficient of
R134a and R290 on coated and uncoated horizontal plain, standard
finned and high performance tubes. Numerical simulation was used in
Gebauer’s work to predict the condensing heat transfer on single tubes
for the first time to the author’s knowledge. The volume of fluid (VOF)
model was used in the numerical simulation to model the multiphase
flow. The static condensation retention angle was investigated in their
first adiabatic simulation and the average deviation compared with the
analytical equation was less than 10% for integral-fin tubes. The con-
densing heat transfer coefficient of numerical simulation for the stan-
dard finned tube agreed very well with experimental results while for
the high performance tube, the deviation was more than 21.5%. Zhao
et al. [10] investigated the influence of surface structure and thermal
conductivity on the condensation heat transfer of R134a and R404A
outside single horizontal enhanced tubes. They found that the lower
material thermal conductivity had a lower condensation heat transfer
coefficient for the enhanced tubes, because of its smaller sub-cooling
temperature distribution.

Many semi-empirical models were also proposed to predict the
condensing heat transfer coefficients for the horizontal integral-fin
tubes [11]. Beatty and Katz [12] also developed a theoretical model for
a horizontal integral-fin tube. Based on the assumption that the force of
gravity dominates condensate drainage, their model is suitable for tubes
of low fin density and low-surface-tension fluids. Honda et al.’s [13]
model can be used to predict the row-row heat transfer coefficient for
downward flowing vapor on tube bundles. Webb et al. [14] took the
surface tension into consideration and developed a theoretical model
for both high and low surface tension fluids. The mean deviation be-
tween the values predicted by this model and the experimental data is
within 20%. Murata and Hashizume [15] put forward a method pre-
dicting the condensing heat transfer coefficient outside the integral-fin
tube bundles which also take the condensate inundation into account.
Recently, Al-Badri et al. [16] calculated the condensing heat transfer

coefficient for a finned tube by an analytical model. The model divided
the tube into small annular elements, considering both the gravity and
surface tension. The model agreed well with the experimental data with
a mean deviation of 4.7%. These models should be helpful for the de-
sign.

Literature review shows that there are many experimental or theo-
retical investigations on the condensing heat transfer of refrigerant
outside the enhanced tubes, while the studies with numerical simula-
tions are quite few to the author’s knowledge. Quantitative analysis on
the condensate retained in the fin gaps plays an important role in
identifying the heat transfer coefficient of enhanced tubes. But it is
difficult to observe with the experimental method. In order to nu-
merically investigate the refrigerant vapor condensing outside the en-
hanced tubes, VOF model were utilized in this paper to predict the
condensing heat transfer outside the various finned tubes. Experiments
involving the same fin structure were also conducted to verify the
theoretical model.

The rest sections are arranged as follows: firstly, the mathematical
formulation and numerical method are introduced; then the results and
discussion are provided including comparison with the experiment,
instantaneous film flow characteristics in condensing and condensing
heat transfer coefficient in different locations of fins. Finally, some
conclusions are summarized.

2. Mathematical formulation

2.1. Governing equations

Volume of fluid (VOF) model proposed by Nichols and Hirt [17,18]
can generally be used to tracking the motion of the interface, e.g. the
motion of a large bubble in liquid and the motion of liquid after dam
break. Although there are some limitations, it is a simple and efficient
means for numerically treating of free boundaries. The VOF model in
Fluent 15.0 is used to simulate the condensation and flow outside the
different types of tubes. For two-phase flow, αl and αv represent the
volume fraction of liquid and vapor respectively in VOF model. Total
volume fractions of liquid and gas should be constrained to 1:

+ =α α 1l v (1)

The density ρ is calculated as follows:

= +ρ α ρ α ρl l v v (2)

Other thermal properties (e.g. viscosity and thermal conductivity)
are also computed by means of arithmetic mean as shown in the above
equations.

Energy and temperature are calculated as follows:

=
+
+

E
α ρ E α ρ E

α ρ α ρ
l l l v v v

l l v v (3)

Nomenclature

List of symbols

Tw tube wall temperature, K
Ts saturation temperature, K
h condensing heat transfer coefficients, W⋅m−2⋅K−1

Cn enhanced ratio
q heat flux, W⋅m−2

T time, s
D diameter, mm
H fin height, mm
Pf fin pitch, mm
g gravitational acceleration, m⋅s−2

t positive numerical coefficient, s−1

Sl mass source due to phase change, kg⋅m−3⋅s−1

hlatent latent heat, J⋅kg−1

r latent heat in Eqs. (18), (19), J⋅kg−1

d diameter in Eqs. (18), (19), mm
Fσ surface tension in Eqs. (7) and (8)

Greek alphabet

αl volume fraction of liquid
αv volume fraction of vapor
ρ density, kg⋅m−3

κ interface curvature, m−1

λ thermal conductivity, W⋅m−1⋅K−1

μ dynamic viscosity, Pa⋅s
σ surface tension, N⋅m−1
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=
+
+

T
α ρ T α ρ T

α ρ α ρ
l l l v v v

l l v v (4)

The governing equations including continuity, momentum, energy
conservations are as follows:

Continuity equation:

∂
∂

+ ∇ =
α ρ

t
α ρ u S

( )
·( )l l

l l l (5)

∂
∂

+ ∇ = −
α ρ

t
α ρ u S

( )
·( )v v

v v l (6)

where Sl is the mass source term (kg/m3s) that is obtained from the
condensation model.

Momentum equation:

∂
∂

+ ∇ = −∇ + ∇ + ∇ + +
ρu
t

ρuu p μ u u ρg F
( )

·( ) [ ( )]T
σ (7)

where p is the pressure. The continuum surface force (CSF) model
proposed by Brackbill et al. [19] is used to calculate the surface tension.

= ∇
+

F σκ α
ρ

ρ ρ1/2( )σ l
l v (8)

= ∇ ∇
∇

κ α
α

·(
| |

)l

l (9)

where κ is the curvature and σ represents the surface tension coefficient.
Energy equation:

∂
∂

+ ∇ + = ∇ ∇ +
ρE
t

u ρE λ T S h
( )

·[ ( p)] ·( ) l latent (10)

where hlatent is the latent heat.

2.2. Condensation model

In the numerical investigation, it takes both the heat and mass
transfer into account. The mass source term was calculated by a phase-
change model proposed by Lee [20]. The Lee condensation model
coupled with VOF model has been widely used in modeling flow con-
densation in tubes. Qiu et al. [21] performed a numerical study on the
condensation flow of hydrocarbon mixtures inside the tubes of liquefied
natural gas coil-wound heat exchangers. Their numerical results using
VOF model coupled with Lee model showed a good agreement with
experimental results. The relative errors of void fraction, heat transfer
coefficient and frictional pressure drop were within 5%, 15% and 15%.
Another numerical investigation on flow condensation of zeotropic
hydrocarbon mixtures in a helically coiled tube was performed by Yu
et al. [22]. VOF model coupled with Lee model were used in their si-
mulation to obtain the flow pattern and heat transfer coefficient. Based
on the numerical results, a new correlation for heat transfer coefficient
were proposed with a mean absolute relative deviation of 9.2%.

The mass transfer in Lee model can be described as:

⎧

⎨
⎩

= >

= <−

S t α ρ T T

S t α ρ T T

· (evaporation)

· (condensation)

v l l
T T

T l

l v
T T

T v

-
sat

v sat

l

v

sat
sat

sat
sat (11)

where Tsat is the saturation temperature, Tl is liquid temperature, Tv is
vapor temperature, Sv is the mass transfer in evaporation and Sl is the
mass transfer in condensation. At a certain computational step, if the
temperature of liquid cell is higher than the saturation temperature, Eq.
(11) is used. It should be noted that no mass transfer will be computed if
the cell belongs to vapor. Additionally, if the temperature of the cell
decreases, it is because of the energy source term Slhlatent existed in the
energy equation which denotes the heat transfer. For the vapor cell,
when its temperature is lower than the saturation temperature, Eq. (11)
is used.

The t is a coefficient which can be interpreted as relaxation time (1/

s). Based on the kinetic theory of evaporation-condensation and Hertz
Knudsen equation [23], it is defined as:

=
−

t
d

β M
πRT

L
α ρ

ρ ρ
6

2
( )

b

v v

l vsat (12)

However, it is hard to calculate t by the expression because β is
usually unknown. It is important to tune the value of t. It has been
proved that too large value of t could result in convergence problem and
too small value may result in large deviation between interfacial tem-
perature and saturate temperature. Da and Del [24] performed the
condensation simulation for simple cases with different values of
coefficient t. Their results show that by increasing the value of coeffi-
cient t, the interfacial temperature gets closer to the saturation tem-
perature. Besides, they point out that too large value of t results in
convergence problems. The value of t depends on particular cases and
should be finely tuned. They finally used the coefficient
t=750000 s−1. In the present numerical study, the coefficient
t=50000 s−1 was adopted and the interfacial temperature was equal
to saturation temperature.

3. Numerical method

3.1. Physical model

This numerical study focuses on a single horizontal plain and a
single horizontal integral-fin tube in the condenser full of refrigerant
vapor. Fig. 1(a) illustrates the geometry of the integral-fin tube, the
domain (Fig. 1(b)) between the fins is selected as calculation domain.
As shown in Fig. 1(c), the surface outside integral-fin tubes can be di-
vided into three parts: lateral fin, root fin and fin tip. In seek of an
accurate calculation, structured grid shown in Fig. 1(d) was used in
numerical simulation for plain and integral-fin tubes. The specifications
of tubes in numerical simulation are given in Table 1.

3.2. Assumptions and solution method

The following assumptions were made for the present numerical
simulation:

(1) The thermo-physical properties are constant.
(2) The temperature on the vapor-liquid interface is nearly saturated.
(3) The thicknesses of tube and condensate inundation are ignored.
(4) The flow of liquid condensed outside the tube is laminar.

The boundary condition along the tube is uniform temperature.
Pressure outlet boundary condition was applied for the bottom of
condenser. The velocity inlet was applied for the upper of the con-
denser, and the inlet of liquid was set to zero. Two symmetry surfaces
were used to reduce calculation time. No-slip condition was applied at
the wall.

The simulation of condensation was performed on ANSYS Fluent
15.0 CFD commercial package. Pressure-based solver was used for the
flow. The SIMPLE (Semi-Implicit Method for Pressure Linked Equation)
scheme was used for pressure-velocity coupling while pressure dis-
cretization was handled by the PRESTO! (Pressure Staggering Option)
scheme. The third order MUSCL scheme [25] was used to discretize
momentum and energy equations. Least Squares Cell based and Quick
(quadratic upwind interpolation of convective kinematics) algorithm
were implemented for gradient and volume fraction discretization re-
spectively. Transient formulation is discretized using second order im-
plicit scheme. The convergence criterion was set at 10−5 for energy
equation and 10−3 for all the other equations.
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4. Results and discussion

4.1. Grid independence

The grid independence study was conducted using four different
grid sizes on a plain tube with a 2d-model. The condensing heat transfer
coefficients as a function of temperature difference are shown in Fig. 2.
These curves in Fig. 2 show that the results agree well with each other.
Hence, the grid system with 19,404 elements was adopted and 3D-si-
mulations were performed with the grid system. The gird size is the
same as the 2d-model.

4.2. Time-step independence

To analyze the influence of time step on the results, numerical si-
mulations using four different time steps from 10−3 s to 5× 10−5 s
were performed for the plain tube with a 2d-model. Fig. 3 indicates that

(a)

(b)

(d)

lateral fin

root fin

fin tip

(c)

Fig. 1. Schematic of fins and grid system. (a) Geometrics of integral-fin tube,
(b) schematics of the calculation domain fin tip, (c) schematics of the fins, and
(d) schematics of grid system.

Table 1
Specifications of the tubes in numerical simulation.

Tube designation Plain tube 26 fpi 32 fpi 41 fpi

Fin pitch (Pf) mm – 0.97 0.79 0.61
Fin height (H) mm – 1.4 1.4 1.4
Tube outside diameter (D) mm 19 19 19 19

5 10 15 20

1.2

1.6

2.0

 Grid of 12800 total elements
 Grid of 19404 total elements
 Grid of 28084 total elements
 Grid of 33540 total elements

Tw-Ts(K)
h(

kW
•m

-2
•K
)

Fig. 2. Variation of the condensing heat transfer coefficient with grid number.

5 10 15 20

1.2

1.6

2.0

h(
kW

• m
-2

• K
)

Tw-Ts(K)

 t=10-3

t=5·10-3

t=5·10-4

t=5·10-5

Fig. 3. Variation of the condensing heat transfer coefficient with time step.
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the results are absolutely independent of the time step. The time step
with 5×10−4 s was adopted for the recommended Courant number
(Co < 0.25) and 3D-simulations were performed using the same time
step.

4.3. Experimental validation

4.3.1. Experimental apparatus and procedures
The experimental system includes three circulating loops: re-

frigerants, heating and cooling water, which is shown in Fig. 4. The
refrigerant circulating system consists of evaporator, condenser, and
ducts connecting the two vessels. To ensure the experimental apparatus
is well insulated, the rubber material with thickness of 40mm is used
and one layer of aluminum foil is used to enwrap the rubber.

Four tubes can be fixed in the condenser at each experiment. The
saturation temperature in the condenser could be adjusted in the range
of 1–40 °C. When testing the condensing heat transfer coefficient of
condensing tube, the cooling water is flowing through the tubes fixed in
the condenser and the heating water is flowing through the tubes fixed
in the evaporator to generate the vapor. The vapor is rising upwards
from the evaporator. After condensed, liquid refrigerant returns to the
evaporator. The heating water and cooling water circulate by two
pumps.

The pressure of the condenser vessel is measured by a pressure
gauge, whose rang is 0–2.5MPa with precision of± 0.00625MPa. A
weight-time flow meter is used to measure the flow rate of cooling
water. Five platinum temperature transducers (with a precision
of± 0.15+0.002|t|K at the test range) are fixed in the condenser
vessel to measure the temperature. Thermocouples are used to test the
temperatures of inlet and outlet of cooling water. The thermocouples
were calibrated against a temperature calibrator with a precision
of± 0.2 K before experiment. A Keithley digital voltmeter with a re-
solution of 0.1 μV is used to measure the electrical potential of the
sensors.

4.3.2. Experimental procedures
Firstly, high pressure nitrogen, nearly 1.2MPa, was charged into the

whole system after the tubes were fixed in the condenser. To ensure the
system being well sealed, tightness check was performed. After all the
leaks were eliminated, the system was evacuated to a pressure lower
than 800 Pa, and refrigerant was finally charged into the system. The
experiment was then conducted. The specifications of test tubes are
given in Table 2.

4.3.3. Data reduction and analysis of uncertainties
The heat balance is firstly examined by comparing the power input

and output.
The heat rejection by cooling water is:

= −ϕ c T T m ( )b p b bb ,1 ,2 (13)

The heating power input by heating water is:

= −ϕ c T T m ( )c c p c c,2 ,1 (14)

where Tb,1 and Tb,2 are the inlet and outlet temperature of heating
water (K), Tc,1 and Tc,2 are the inlet and outlet temperature of cooling
water (K). mb and mc are the mass flow rate of the heating and cooling
water (kg/s). cp is the specific heat capacity of water corresponding to
the mean temperature of inlet and outlet water (J/kg·K).

The maximum differences between the heat transfer rates of heating
and cooling water are within 3%. The average of the two heat transfer
rates is used to calculate the overall heat transfer coefficient:

=k
ϕ

A T·Δ mo (15)

where Ao is the heat transfer surface area based on the outside diameter
of embryo tube, and △Tm is the log-mean temperature difference:

(1) Evaporator;(2)condenser;(3)thermocouple;(4)pressure gauge;(5)condensate measuring 

container;(6)exhausting valve;(7)subsidiary electric heater;(8)weight-time flow meter of 

cooling water;(9)cooling water pump;(10)cold water storage tank; (11) weight-time flow 

meter of heating water; (12)heating water pump; (13)hot water storage tank. 

Fig. 4. Schematic diagram of the experimental apparatus.

Table 2
Specifications of test tubes in experiment.

Tubes Outside diameter Inside diameter Fin height Fins pitch

Plain mm 19.09 16.41 – –
32-fpi tube mm 19.06 16.28 1.40 0.79
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=
−

−
−

T
T T

Δ
ln

m
c c

T T
T T

,2 ,1
s c

s c

,1

,2 (16)

where Ts is the saturate temperature. The condensing heat transfer
coefficient ho is obtained with the thermal resistance separation
method:

= − −
h k

A
A h

R1 1 1
i i

w
o

o

(17)

where Rw is the thermal resistance of the tube wall and Ai is the area of
internal tube. hi is the water side heat transfer coefficient, calculated by
Gnielinski correlation.

Experimental uncertainty analysis is made according to [26,27]. For
plain and integral-fin tubes, the estimated uncertainties of k are less
than 6.8% and 5.3%. ho is not directly measured and the uncertainties
of ho is estimated with the following method. The uncertainties in
calculation hi are considered to be 10%. The worst situation happens
when the overall thermal resistance and that of water side thermal
resistance are in the opposite direction. Under such situation, a max-
imum error of ho occurs. Therefore, the estimated uncertainties of ho for
plain and integral-fin tubes are 9.9–18.7% and 13.3–33.5%.

4.3.4. Model validation with experimental data
In order to verify the numerical method, the simulations were

performed with refrigerants R134a and R11. Although the R11 have
been phased out, different property and the behavior of condensate can
also supplement the analysis. The properties of these two refrigerants
are listed in Table 3. Firstly, comparison between numerical and ex-
perimental results are made in terms of R134a. The condensing heat
transfer coefficients for plain tube obtained by numerical simulation are
compared with the experimental data and Nusselt analytical solution
[1]. The expression of Nusselt analytical solution is:

=
−

=h
rgλ ρ

μ d t t
rgλ ρ
μ d q

0.729(
( )

) 0.656( )l l

l o s w

l l

l o

3 2
1/4

3 2
1/3

(18)

For the plain tube, the condensing heat flux varies from 7 kW·m−2

to 30 kW·m−2 at saturation temperature of 313 K. As seen in Fig. 5, the
relatively deviation of experimental result and numerical result from
Nusselt analytical solution is within± 10%. The deviation between
experimental result and Nusselt analytical solution could be caused by
the fluctuations of liquid film. As the increase of heat flux, the flow rate
of the condensate will also increase. Fluctuation might increase the heat
transfer. Nusselt analytical solution is obtained based on eight typical
assumptions. It is assumed that the saturate vapor was static and the
condensate film flows without any fluctuation. The deviation is chiefly
caused by these two factors. As the uncertainties in experiment are
always present, this deviation is also inevitable.

The agreement with the analytical solution validates the experi-
mental apparatus and the numerical method. The deviation between
the numerical result and Nusselt analytical solution may be caused by
the assumptions, such as the negligence of condensation inundation.

For the 32-fpi integral-fin tube, a comparison is made between
numerical simulation results and experimental data. Fig. 6 shows the
variation of the condensing heat transfer coefficient with heat flux from
13 kW·m−2 to 78 kW·m−2. It shows that the numerical simulation re-
sults are a little bit lower than experimental results with deviations
between 1% and 9%. It can be observed in Fig. 6 that the numerical

results are lower than the experimental results at lower heat flux
(13–40 kW·m−2). At higher heat flux, the numerical results are higher
than the experimental results. This result might be caused by the neg-
ligence of condensation inundation. The condensation inundation is
more pronounced at higher heat flux. The effect of condensation in-
undation would diminish the heat transfer.

Additionally, numerical simulation results of 32 and 41-fpi tubes are
also compared with Cheng and Wang’s experimental results [2]. The
specifications of the test tubes in Cheng and Wang’s work are given in
Table 4. In order to investigate the effect of fin pitch on condensing heat
transfer coefficient, the diameter and fin height of integral-fin tubes are
the same in numerical simulation.

Cheng and Wang used the Wilson plot method with the linear sur-
face tension model of Webb et al. [28] to calculate values of Cn. Ac-
cording to Webb et al. [28], effect of surface tension accounts for one
quarter of the heat transfer coefficient. Combining the Wilson plot
method and the linear surface tension model of Webb et al. [28] can
improve the accuracy of condensing heat transfer coefficient. The Cn is

Table 3
Properties of refrigerant.

h ρl ρg kl kg Cpl Cpg μl μg σ
kJ kg−1 kg m−3 kg m−3 Wm−1 K−1 Wm−1 K−1 kJ kg−1K−1 kJ kg−1K−1 PaS PaS Nm−1

R134A 163.17 1147.4 49.872 0.075 0.0154 1.49 1.14 0.000162 0.0000124 0.00615
R11 177.12 1452.2 8.369 0.0840 0.00889 0.89 0.62 0.00036 0.0000105 0.016

0 5 10 15 20 25 30 35
1

2

 Present study
 Experimental results
 Nusselt Analytical Solution

h(
kW

• m
-2

• K
-1
)

q (kW•m-2)

5 10 15 20 25 30 35 40 45

1

2

3

4

+10%

-10%

 Present study
 Experimental results
 Nusselt Analytical Solution

h(
kW

•m
-2

•K
-1
)

q (kW•m-2)

Fig. 5. Comparison of condensing heat transfer coefficient outside the plain
tube between numerical results, Nusselt analytical solution and experimental
results.
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the enhanced ratio for the enhanced tubes. It is shown as follows:

=
−

h C
rgλ ρ

μ d t t
0.729 (

( )
)l l

l o s w
n

3 2
1/4

(19)

To get enhanced ratio for the integral-fin tubes in present numerical
work, we calculate Cn at different heat flux and then take an average.
The Cn at different heat flux varies from 5.6 to 6.3 for 32-fpi tube and
8.7 to 9.4 for 41-fpi tube. Table 5 shows the enhanced ratio (Cn) in

Cheng and Wang’s paper and present numerical study. It is found that
the enhanced ratio (Cn) of the 32-fpi and 41-fpi integral-fin tubes is only
a little bit higher than that in Cheng and Wang’s experimental work.

In this section, the numerical results for the plain tube and integral-
fin tubes are compared with Nusselt analytical solution and the ex-
perimental data to validate the numerical method. The small deviation
indicates that the numerical method can be used to predict the con-
densing heat transfer coefficient outside the integral-finned tubes.

4.4. Instantaneous film flow characteristics of condensation on plain tube

The condensation and flow of R134a outside the tube is a transient
process. The heat flux and condensing heat transfer coefficient are de-
pendent on the time. In this section, the instantaneous film flow char-
acteristics and condensing heat transfer coefficient will be further in-
vestigated. Fig. 7 illustrates the variation of the condensing heat
transfer coefficient during the condensing process. In Fig. 8, the con-
tours of liquid volume fraction outside plain tube at different time are
depicted. Fig. 7 shows that with the passage of time, the condensing
heat transfer coefficient firstly decreases, then rises and finally reaches
to a relatively steady value. It can be attributed to the process of con-
densation. As the thickness of liquid film increases, the heat transfer
coefficient also decreases. The thickness of liquid film reaches to the
maximum value at 0.73 s and the condensing heat transfer coefficient
reaches to the minimum value at the same time. Then, with the liquid
dripping, the condensing heat transfer coefficient begins to increase and
finally it reaches to a relatively steady value. Therefore, the data from
4 s to 6 s was obtained to take an average as condensing heat transfer
coefficient. Overall, the variation of the condensing heat transfer
coefficient is consistent with the variation of liquid film, which in-
dicates that the condensing heat transfer coefficient is very sensitive to
the liquid film. Also, the contours demonstrate that the thickness of
liquid film is unstable and this phenomenon during experiment could
lead to larger deviations.

4.5. Film flow characteristics of condensate on integral-fin tubes

Fig. 9 shows the contours of liquid volume fraction in the channel
between fins for three integral-fin tubes at Tw=303 K. The contours in
Fig. 9 are instantaneous, but the characteristics of liquid film dis-
tribution are constant. It is obtained at the stage when the liquid drips
continuously. A relatively static distribution of the film in simulation is
obtained and the condensing heat transfer coefficient in this stage is
also relatively steady. As shown in the figures, due to the effect of
surface tension, the liquid film on the surface of the fin is pulled toward
the root under the pressure gradient. The liquid film at the upper sur-
face becomes very thin and has a higher heat transfer coefficients.
According to Al-Badri et al.’s analytical model [16], the corner of root
fin that close to the lateral fin is covered by thick liquid film, so this part
is inactive in their model. This phenomenon caused by surface tension
can be observed in Fig. 9. The condensing heat transfer coefficient for
the lateral fin surface and root fin surface will be discussed in next
section. Normally, it is quite difficult to obtain the thickness of the film
around the enhanced surface with an experimental approach.

Fig. 9 also shows that as the increase of the fin density, the thickness
of the liquid film at the fin root increases. The gravity force makes the
liquid flow down and it accumulates at the bottom of the tube, which
weakens the heat transfer at the bottom. While, as the overall heat
transfer area increases, the heat transfer coefficient is higher for the
integral-finned tube with higher fin density.

4.6. Condensing heat transfer coefficient in different lateral fin surface

The general decreasing trends of the condensing heat transfer
coefficient with increasing heat flux are illustrated in Fig. 10. It is lar-
gely caused by the increasing thickness of the liquid film with the
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 Experimental results
 Present study

Fig. 6. Comparison of condensing heat transfer coefficient outside the 32-fpi
integral-fin tube between numerical results tube and experimental results.

Table 4
Specifications of the tubes in Cheng and Wang’s experimental work.

Tubes Outside diameter Inside diameter Fin height Fin pitch

32-fpi tube mm 18.26 13.90 1.01 0.79
41-fpi tube mm 18.80 13.74 1.42 0.61

Table 5
Cn value compared with Cheng and Wang’s experimental work.

Tube Cn in present numerical work Cn in Cheng and Wang’s paper

32-fpi tube 5.88 5.47
41-fpi tube 9.06 8.21
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Fig. 7. Variation of the condensing heat transfer coefficient outside plain tube
for different time with Tw=303 K.
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increasing heat flux. The results also show that the condensing heat
transfer coefficient is very sensitive to the fin density (fin pitch), which
is consistent with the experimental data of Cheng and Wang [2]. The
increased heat transfer coefficient for the tubes with higher fin density
is chiefly caused by the combined effect of increased heat transfer area

and surface tension. In the simulation, the uniform tube wall tem-
perature was given and then the heat flux was determined. For 26, 32,
41-fpi tube, the tube temperature is all set from 293 K to 309 K. As the
26 fpi tube has lower heat transfer coefficient, it has the minimum
range of heat flux.

Fig. 11 shows the variations of the condensing heat transfer coef-
ficient with respect to temperature difference, fin density and different
part of fin. The plot indicates that as the temperature difference in-
creases, the condensing heat transfer coefficient of the tube, the lateral
fin surface and the fin root surface all decrease.

As discussed previously, due to surface tension, the liquid film
which acts as an obstacle to heat transfer accumulated at the fin root
surface. As a result, the condensing heat transfer coefficient of the root
fin surface is much smaller than that of the lateral fin surface. Liquid
condensate adhension outside different part of fins plays an important
role in the condensing heat transfer. The condensing heat transfer
coefficient in the fin root was only one half of the lateral fin surface.
Condensate film being drained by the pull-off of surface tension is ra-
ther important in improving the heat transfer. The mechanism of heat
transfer enhancement for integral-fin tube can be divided into two part:
the increase of heat transfer area and thinning of liquid film at lateral
fin surface. Using the method of the present study, it can be used to
analyze at what fin sizes the surface tension first becomes dominant. In
order to take full advantage of the Gregorig effect, it can also be used to
obtain the optimum spacing of the fins and design fin structure to
provide the adequate condensate drainage.

4.7. Condensation of other refrigerant

In order to validate the present method, the experimental result of
R11 was also compared. Although the R11 have been phased out, the
behavior of condensate and heat transfer can also be used for the
analysis. For refrigerant R11, condensation heat transfer coefficient
outside 35 fpi and 26 fpi tubes from literature [14] is compared with

T=0.05s T=0.73s 

T=1s T=1.06s
Fig. 8. Contours of liquid volume fraction outside plain tube at different time
with Tw=303 K.

(a)                         (b)                          (c) 

(a) (b) (c)

Fig. 9. Contours of liquid volume fraction outside
integral-fin tube. Contours of liquid volume fraction
in the channel between fins at the top of the tube
with Tw = 303 K, (a) 26 fpi-tube; (b) 32 fpi-tube; (c)
41 fpi-tube. Contours of liquid volume fraction in
the channel between fins at the bottom of the tube
with Tw = 303 K, (a) 26 fpi-tube; (b) 32 fpi-tube; (c)
41 fpi-tube.
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present numerical results in Figs. 12 and 13. It can be found that a
favorable agreement is obtained between numerical and experimental
results. The condensation heat transfer coefficients of numerical simu-
lation are both lower than that in experiment. The condensation heat
transfer coefficient of 32 fpi tube is lower than 35 fpi tube by almost
25%. It was mostly caused by the difference of fin pitch. The model
itself may also under-predict the condensation heat transfer coefficient.

It can be observed that the R11 has higher condensation heat
transfer performance than R134a. As shown in Table 3, the latent heat
of R11 is higher than R134a, which plays an important role for the heat
transfer rate. Additionally, the surface tension of R11 is higher than
R134a. This could result in different liquid film distribution. The con-
tact angle θ can be obtained by Young’s equation [29].

= −θ γ γ γcos ( )/SV SL LV (20)

where the subscripts SV and SL refer to the solid interfacing of vapor
and liquid; γLV denotes the interfacial tension between the liquid and
vapor. According to the equation, for hydrophilic liquid (cosθ >
0), the larger the surface tension, the larger the contact angle is. R134a
is more hydrophilic than R11. According to Hou et al. [30], the hy-
drophobicity can aid to the running off of liquid droplet. Compared
with R134a, it is easier for R11 to run off from the tube wall.

Fig. 13 shows the contours of liquid film distribution outside the
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fins. It can be observed that the liquid film of R11 at the upper tube is
thinner than that of R134a. While at the bottom of the tube, it is thicker
than that of R134a. This phenomenon indicates that R11 refrigerant

drains more easily compared with R134a. The relatively large surface
tension of R11 provides better performance in reducing the thickness of
condensate. While R134a condensate may be kept over the fin gaps,
which would diminish the condensing heat transfer.

5. Conclusion

In this paper, numerical simulation was performed using the VOF
and Lee model. The condensing heat transfer coefficient for the plain
and integral-fin tubes was calculated in comparison with the experi-
mental result. The distribution of liquid film on the fin was presented to
investigate the mechansim of heat transfer enhancement. Although this
article only provides the simulations for the typical integral-low fin
tubes, it can also be used for the simulation of other tubes with integral-
fins. According to the results, following conclusions can be drawn:

(1) The numerical results of the plain tube and 32-fpi tube agree well
with the Nusselt analytical solution and the experimental data. The
variation of the condensing heat transfer coefficient is also con-
sistent with experimental result. This method can be used to ana-
lyze the condensing heat transfer of integral-fin tubes.

(2) For all enhanced tubes, an increase in the condensing heat transfer
coefficient was observed with increasing fin density (decreasing fin
pitch). For enhanced tubes, an increase in the film thickness at root
fin surface was observed with increasing fin density. It can be found
that the film thickness at the bottom of tube is much larger than
that in other place.

(3) The local condensing heat transfer coefficient is very sensitive to
the film distribution. The unstable thickness of liquid film results in
variation of condensing heat transfer coefficient during condensa-
tion. The condensing heat transfer coefficient for lateral fin surface
is much bigger than that for root fin surface because of smaller li-
quid film thickness at lateral fin surface. The most important me-
chansim of heat transfer enhancement for integral-fin tubes is
thinning of liquid film at lateral fin surface.

(4) For R11 refrigerant, large surface tension could result in quickly
draining of condensate and reduce the thickness of liquid film. The
combined effect of latent heat and surface tension contribute to the
higher condensation heat transfer coefficient of R11.
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